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ABSTRACT ARTICLE HISTORY

This paper proposes a combined observer/controller method that Received 26 September 2017
estimates the states and simultaneously improves the ride comfort ~ Revised 10 June 2018

and stability of a full vehicle active suspension system using a sin- Accepted 31 August 2018
gle inertial measurement unit (IMU) in the presence of noise and  yrvworps

centre of gravity uncertainties. The derived model is based on a Optimal control; active
channel-by-channel estimation technique using filtered white noise suspension; observer design;
excitation signals on all the wheels, as well as active suspension actu- uncertainties

ators. The transfer functions of the vehicle system are estimated by

analysing the IMU signals in the frequency domain. The derived result

is then used in a linear quadratic regulator to calculate the actuators’

forces to improve the vehicle's ride comfort and road holding stabil-

ity within the limits of the rattle space. The simulation results show

the efficacy of the proposed approach. Specifically, the observer esti-

mates the actual behaviour of the vehicle with 95% accuracy with

up to 20% uncertainty. Finally, a parametric study has been inves-

tigated to ascertain the applicability of the proposed approach in

estimating the vehicle dynamics with simultaneously improving the

ride comfort and road holding stability.

1. Introduction

In recent years, particular attention has been paid to improve vehicle stability and ride
comfort by using active suspension systems [1-7]. Such systems improve ride comfort by
isolating the sprung mass from external disturbances that can be caused by terrain and
other irregularities. They achieve vehicle stability, namely, handling stability [8], by ensur-
ing a firm contact between tires and the road at all times. The challenge is however that the
suspension spring needs to be stiff to guarantee and satisfy several road holding criteria and
in the same time the spring needs to be soft to mitigate disturbances induced by terrain and
weather. In a classical vehicle suspension setting [9], the spring and the damping parame-
ters cannot be efficiently controlled and adapted to different driving conditions. However,
by using an active suspension system with actuators that work along with the spring and
damper, one can accumulate or dissipate energy from the system [5,10,11].
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Active suspension systems with control techniques [12-14] have been introduced to
improve the performance, handling characteristics and riding of the vehicle by controlling
the suspension system. It has been shown that actuators controlled by optimisation-based
control techniques [15] are efficient for controlling the active suspension system while
guaranteeing optimal performance. But in such optimisation-based control techniques one
needs to have full-state information to successfully control the actual model while such
information is not always available in practice due to sensor cost, complexity, uncertainties,
noise, or even measurement restrictions. Several observer-based techniques [13,16-18]
and modified Kalman filters [16,19-24] have been used to overcome such problems. A
survey on how to control active and semi-active suspension system is given in [12]. In this
survey, the authors used a quarter-car model for reviewing the controller design poten-
tial benefits and limitations through the application of optimal control theory with an
LQ-based cost function. The work of Yamada et al. [13] has introduced a robust con-
trol technique for an active suspension while also considering actuator constraints and
uncomfortable frequency bands for bounce and pitch accelerations of the sprung mass. In
[7], a nonlinear controller was used for controlling the active suspension of a quarter-car
model with the ultimate goal to improve ride comfort while trying to keep the suspension
deflection within the limits of the rattle space.

In [16], the authors used a Kalman filter to estimate the system states, the estimator was
based on somewhat idealised assumption of knowing exactly the road profile. The work of
Wenzel et al. [19] proposed a dual extended Kalman filter to estimate the vehicle states and
other parameters. In order to achieve that, the authors incorporated two parallel filters, one
for estimating the main vehicle parameters and the other for estimating the vehicle states.
This technique has been shown to improve the accuracy of the estimated parameters and
can handle the model uncertainties. The works of Pletschen et al. [21-23] proposed similar
approaches with an accuracy of the estimated states being between 70% and 90%.

The recent work of Garcia and Patino [25] has used a Kalman filter, a particle filter and
artificial neural networks to estimate different states of the quarter-car model by incor-
porating an IMU. However, the effect of measurement uncertainties and the accuracy of
the state estimation can negatively affect the higher order models. A continuous-time sys-
tem identification technique in a half-car model has been proposed in [26] to estimate the
vehicle suspension model. The aforementioned papers did not obtain the dynamic param-
eters of the actual vehicle model while taking into account the presence of measurement
uncertainties. Our work is motivated by such limitations.

This paper presents a method for estimating the vehicle dynamic model by using system
identification techniques with a single point sensor and centre of gravity (CG) uncertainty.
A combined observer/controller method has been developed to estimate the states and
simultaneously improve the ride comfort and handling stability of a full vehicle active
suspension system. We introduce an efficient solution to estimate and control the actual
full vehicle with a limited number of sensors in the presence of noise and CG position
uncertainties. A single IMU has been placed on the sprung mass, which leads us to the
successful estimation of all the states while at the same time controlling efficiently the sus-
pension system to improve ride comfort and handling stability. To achieve this, we use two
steps, first, estimating the vehicle dynamic model by analysing all input-output paths of
the transfer functions in the frequency domain, and second, applying a Kalman filter and a
linear quadratic regulator (LQR) on the estimated state-space model. The latter, allows us



VEHICLE SYSTEM DYNAMICS (&) 3

to calculate the optimal forces to improve the vehicle performance index, i.e. ride comfort
and road holding stability.

The remainder of the paper is structured as follows. In Section 2, we formulate the
problem and introduce the full vehicle dynamic model with the active suspension system.
The proposed vehicle model takes into account uncertainties in the position of the cen-
tre of gravity. Assuming now that the vehicle dynamics are unknown, Section 3 provides
a method of estimating the mathematical model of the vehicle, which is based on system
identification techniques. In Section 4, we design an observer based on a Kalman filter for
estimating the vehicle states and feed the result in the optimal control algorithm in order to
control the active suspension system. Section 5, provides a numerical simulation for esti-
mating the vehicle dynamics behaviour while controlling optimally the suspension system
to simultaneously improve the ride comfort and road holding stability within the limits of
the rattle space. Finally, Section 6 concludes and discusses future work.

Notation: The notation used here is standard. A(A) is the eigenvalues of a matrix A, ()T
denotes the transpose of a matrix, Z is the conjugate of the complex number z, A is the
estimated value of A in continuous time, Ad is the estimated value of A in discrete time.
The superscript * is used to denote the optimal solution of an optimisation, the super-
script/subscript k is used to denote a value at discrete time k, the subscript s denotes the
sprung mass value while the subscript m denotes the IMU signals. A > 0 denotes that the
matrix A is positive semidefinite and the notation A > 0 to denote that the matrix A is pos-
itive definite. Finally, H(s) denotes the transfer function H in s-domain and H(z) denotes
the transfer function in z-domain.

2. Problem formulation

A linear full vehicle model with seven degree of freedom (DOF) as shown in Figure 1 is
considered for this research because it is sufficient and enough for capturing the vehicle
dynamical behaviour [27-29]. The authors in [29] compared the results of a linear vehi-
cle model with a measured data through an experimental test using the same road input.
These results show a close match between the simulation model and the experimental test,
which gives credence to use a linear vehicle model for estimating the states and optimally
controlling the active suspension system to enhance ride comfort and vehicle stability.

Figure 1. The full vehicle model with the active suspension system.
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The full vehicle model consists of a sprung mass with three DOF in the vertical Z;-
axis (bounce), rotation about X;-axis (roll) and rotation about Y,-axis (pitch), with four
unsprung masses in front left, front right, rear left and rear right which have one DOF in the
vertical directions z1, 23, 23, 24 at front left, front right, rear left and rear right, respectively.

The dynamic equations of the full vehicle system can be derived using the Newton’s
second law as follows [4,30-32],

mSz‘S:Fﬂ+Ff7+Frl+Frr>
Iyés = _aFﬂ_aFfr+bFrl+bFrr>
IX&S:WFﬂ_WFfr_f’WFrl_WFrra

mgzy = —Fg — ke(z1 — z), (1)
myzy = —Fp — k(22 — zp,),
myz3 = —Fy — ki(z3 — zr,),
myzy = —Fp — ki(z4 — 21,),

where m; is the mass of the vehicle body, I is the roll moment, I, is the pitch moment of
inertia about the centre of mass, ¢s, 6 are the roll and pitch angles of the sprung mass, a,b
are the CG locations of the front and rear axles, 2w is the wheel track, my, m, stand for the
unsprung mass on front and rear, respectively, k; is the tire spring stiftness, z, , zr,, zr;, zr,
are the road displacements at front left, front right, rear left and rear right respectively, and
Fy, Ffy, Fyy, Fyy are the forces generated between the sprung mass at each corner and the
unsprung masses at front left, front right, rear left and rear right, respectively.
The forces are defined as follows,

Fp = —kf(Zﬂ —z1) —¢f(zn — z1) + o,
Fpy == —kf(z — 22) — ¢f (2 — 22) + Fa, )
Fy == =k (2 — 23) — ¢, (2 — 23) + F3,
Fyp = —ki(zer — z4) — ¢ (Zrr — 24) + Fy,
where ky is the front spring stiffness and k; is the rear spring stiffness, cf, ¢, are the front and
the rear shock absorber damping coeflicients, and Fy, F, F3, F4 are the active suspension
actuators at the front left, the front right, the rear left and the rear right, respectively.
The dynamics can be simplified by applying the following assumption.

Assumption 1: The angles 6 and ¢, are small enough and we can write sin 6; & 6,
sin ¢s X ¢ps.
Based on Assumption 1 the dynamic vertical displacements of the sprung mass corners

can be written as,

zf1 := zs + weps — abs,

Zfy = 2 — wes — ab,

Zy == zs + weps + b,

er = ZS - W¢S + b@s.

(3)
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For simplicity let us use the following state-space assignments,

X1 = Zﬂ — 21, X2 = Zfr — 22, X3 =2y — 23, X4 =2y — Z4,
X5 =21 —Zr;» X6:=22 —Zry, X71=23—Zr;, X8:1= 24— Zry
X9 = ZS’ X10 = 957 X11 = ¢Sa

X12 =21, X13:=22, X14:=23, X15:= Z4.
The state-space assignments rewrite (1)-(3) as follows (see Appendix for more details),

X = AX + B.Q + BfF,

(4)

where,

:[xl Xy X3 ... X12 X13 X14]T,

=[tn Z, % ). F=[R FE F; RJ.

The active suspension system is designed to improve ride comfort and road holding sta-
bility within the limits of the suspension deflection. Hence, three aspects are going to be
considered in our work:

(1) Ride comfort which is related to the sprung mass bounce, roll and pitch accelera-
tions. By reducing these accelerations, good ride comfort will be experienced by the
passengers.

(2) Road holding stability which is defined by the tire dynamic load; where to ensure
vehicle stability, the dynamic tire load should not exceed its static load to maintain
uninterrupted contact with the road, which can be expressed as the relative tire loads
and is given by,

kt(zl - zrl)
n = <1,
g ((bmy)/2(a+ b))) + my)
0y = ki(z2 — zr,) 1
T g (((bmy)/2(a + b)) + my)

N3 = kt(z3 - Zr3) -
3T S ((amy/Qat b)) +my
ki(z4 — z1,)

N4 : ,

= g ((am)/ @@+ b))+ my)

where 11, 72, 13, 14 are the relative tire loads at front left, front right, rear left and rear
right, and g is the gravitational acceleration.
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(3) And finally, the suspension deflection which is limited by the available rattle space as

follow,
lzg — z1] |z — 22|
/L1:=ﬂ—<1, ::ﬁ—<1,
Zmax Zmax
|z — z3] |Zrr — 24
Uz = ——— < 1, =<1,
Zmax Zmax

where (1, (2, 03, L4 are the relative suspension deflections at front left, front right,
rear left and rear right, and z,,, is the maximum rattle space hard limit.

Figure 2, in addition to Figure 1, shows the location of the IMU. The measured signals
for bounce acceleration, roll and pitch velocities are governed by the measurement model of
IMU, where the position uncertainties are denoted by r,,,. We differentiate the IMU angular
velocities to get the angular accelerations.

Referring to (5)-(7), the IMU position, the velocity and the acceleration vectors r, 7, and
7 respectively, can be calculated with respect to the world-fixed frame (X, Y, Zg) as,

r=rs+ Ar(¢,0) rm, (5)
0 0 0
r="rs+ | ¢s | cosgssinfy —sings — cos s cos b
singssinf;  cos¢s  — sin ¢ cos O
— sin 6 0 cos O
465 | singscosf; 0 sin ¢, sin b Tm> (6)
—cos¢pscost; 0 — cos s sin b
and,
0 0 0
=7+ (qﬁs cosPssinfy  —sings; — cos P cos g
sin s sinf;  cos ¢ — sin ¢ cos b
0 0 0
— ¢52 sin¢ssinfy  cos¢s; — sin ¢ cos s

—cos¢ssinby  sings  cos ps cos b

X —Z Plane
XG

Figure 2. An IMU is placed on the sprung mass with distance (ey, ey, t/2) from the sprung mass centre
of gravity. The IMU signals are different from the actual signals.
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— sin 6 0 cos O
+6, | sin ¢scosf; 0 sin ¢ sin b (7)
—cosgscoss 0 —cosgssind |
0
0
0

cos O
— 02| sin ¢, sin 6
— COS ¢ sin O

sin 6
— sin ¢ cos 6
COS ¢g cos b

0 0 0
+ 2¢559$ cospscosfs 0 cos ¢ sin b )rm,
| singscosf; 0 sin ¢ sin O

where the rotation matrix is,

cos O 0 sin 6
A (p,0) = | singgsinf;  cos¢s —sinbscosbs |,
| —cosgssinfs  sings  cos s cos O

and the position vectors are defined as,

T

r= [Xm Ym Zm] 5 rs 1= [XS YS ZS]T

y Py = [ex ey O.St]T.

In order to model a potentially noisy IMU, a white Gaussian noise with zero mean and
variance o, is added to the IMU signals as,

Ym = Sm +V, (8)
where,
Sm = [ém 65 (ﬁs]T, v~ N(0, o).
By writing (8) in the frequency domain one has,
Ym(s) = HOUE +v, U =[Q F|, 9)

where H(s) is the transfer function and U(s) is the input signal.

Since the IMU signals are in discrete-time domain, the bilinear transformation is
employed to transform the system from continuous-time to discrete-time [33]. In other
words, all transfer functions in (9) can be written as,

H(2) = H(s)(i(z_ 1)) (10)

Ts z+1

where H(z) is the transfer function in the discrete-time domain, and T; € R™ is the
sampling time.

3. Vehicle dynamic model estimation

The system identification technique proposed in this paper is based on exciting the full
vehicle model at the wheels, and the active suspension actuators. A diagram of the proposed
technique is shown in Figure 3.
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Excitation signals

Vehicle model Uncertainty
Zp]'( (Road)’ . 5 , . IMU model
" Fs +
F (Actuators) , i Sadr R i i v‘é\

®+ Noise
N(0,07)

k

y,,,l

Estimated Model .
Estimate transfer
X/Hl = Aka + BE,pQ" + Bﬁ,F;c Model reduction . S o) functions
: = H(mf) =2 <
% A ~ ~ S, (mf)
W=CX +8,0,+D, F

Figure 3. Dynamic model estimation diagram. It is shown the steps of estimating the vehicle dynamic
model using only IMU.

The excitation signals are filtered white noises with zero mean and variance o, [34] as
follows,

u(t) = L(g)e(?),

where, g is the backward shift operator, i.e. ¢ = z~!, and L(q) is a first order low pass filter,
ie. Lz H) =1+ 1)/((wr —2/m)z7! — (2/m)), with breaking frequency w, = 7/ T
used to eliminate the false response at the Nyquist frequency.

The channel-by-channel excitation signals are shown in Figure 4, where, filtered signals
of amplitude |Z,| < 0.1 m and frequency 0.05:100 Hz, and of amplitude |F;| < 100 N and
frequency 0.05:100 Hz are generated at the wheels and the actuators, respectively.

During this process, the excitations and the IMU signals will be recorded for further
analysis. Here, the transfer functions are estimated by analysing the IMU signals in the
frequency domain to determine the locations and numbers of poles and zeros. In order to
estimate the noise power of the IMU, all the excitation signals are set to zero, i.e. Z, =0
and F; = 0, and the IMU signals are recorded at the steady-state in order to calculate the
bias and the standard deviation o, as a calibration process for the IMU.

The noise power can now be estimated by using,

ol = E[yﬁqlsm = O].

The IMU response signal and the noise in the time and the frequency domains are
shown in Figure 5 during the excitation process, where, the discrete Fourier transform [35]
is used to transform the signals from the time to the frequency domain and to calculate the
power spectral density of the IMU signals.
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Figure 4. The excitation signals in time and frequency domains.
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Figure 5. IMU output responses during the excitation process. (a) Front left wheel, (b) Rear right wheel,
(c) Front left actuator, (d) Rear right actuator.



10 (&) T.ATTIAETAL

Assuming that the noise v is uncorrelated with the output signal s, then the power of
the output signals can be calculated from (8) as follows,

ol = E[yfn] _ E[(Sm n v)z] - E[sfn + 28, + 1)2],
of = E[sfﬂ} + E[vz] = 052 + ovz,
i O’}% — ol

In order to identify the unknown system dynamics given by (4), we have to estimate 24
input-output paths of frequency response functions (FRFs) in (11),

Z
zy Hyy Hp, --- Hiz Hig "
a _ ZI‘4
0 | =|Hx Hxy --- Hy Hy E | (11)
o H31 Hs, --- Hs; Hsg F
| 4]

where Z7 , 6¢, ¢ represent the acceleration values of the IMU in frequency domain.
After applying the discrete Fourier transform, we can rewrite (9) as,

Yim(mf) = H(mf)U(mf) + v(mf), (12)

where f is the frequency resolution given as f = 1/NT, and N, is the number of data
samples used.

The next step is to multiply (12) with the input conjugate U while assuming that the
input is uncorrelated with the noise signal to write,

U(mf)Ym(mf) = H(mf)U(mf)U(mf) + U(mf)v(mf),
Suy(mf) = H(mf)suu(mf) + Sw (mf) (13)

Using (13), the FRF can be estimated as follows,

Suy(mf)
Suu(mf) ’

H(mf) = (14)

where Syy (mf), Suy (mf) are the auto-spectrum and cross-spectrum of the input-input and
input-output signals respectively.
From (11) and (14), the FRFs can be estimated as,

SZrl Zm (mf) SZrZZm (mf) SZ”SZ'" (mf)
A R AP 7 ML AP )

Sy, 5 (mf) S5 g3
Hys(mf) = %, His5(mf) = _SF jl(Z:qf)’ Hie(mf) = _SF ;2(Z:qf—),
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Hoy(mf) =

Hys(mf) =

Hog(mf) =

Hzs(mf) =

H3g(mf) =
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S,z S,z Sy 4,(mf)
—3om - H — #) H — 1—’ 15
S M A e N i v N
87,,6.(mf) H(mf) = 82,,6.(mf) Hyy(mf) — 87,,6.(mf)
S D T s TS, nf)
SFlé (mf) SFzé (mf) SF39' (mf)

L S & =267 g — B0
Sk, F, (mf) 26(mf) Sk, F, (mf) 27(mf) SE;F; (mf)
5,0, () S2,,6.0m) S7,,6,0m)
—85 is (mf)’ H3i(mf) = —SZ j mf)’ H3p(mf) = —SZ j )’
82,,4.(mf) 82,,6.(mf) Sk, (mf)
;, H = L, H — 15—’
SZr3Zr3 (mf) 34(mf) SZr4Zr4 (mf) ® (mf) SFlFl (mf)
SFz(b. (mf) SF3(}). (mf) SF4($ (mf)
5—, H — S—’ H — 5—.
Sty U = gy O = g )

The estimated FRFs using (15) are shown in Figure 6. Such FRFs can be represented in
a rational form by following [36] as,

H(z,0) =

Sm(z,0) Y lobz”

Uz0) Y, az"

(16)

where a,, b, are the polynomial coeflicients of poles and zeros respectively, and 6 =

[aO al « oo
function as,

where,

N -
Ym
Yr(anl)

N,
yN»)

Yo
R
———
Yo

anabobl

Np
k@) =6 U_i(2),
i=0

Np

Yr(2) =Sy + vk =Y 0 Ug—i(2) + v

i=0

YE(2) = Tr(2) Ok(2) + i

ryiN-»  yN-2) UWN—Np+1) UN-Np) 7
U(N—Z) U(N—3) U(N_NP) U(N—Np—l)
U(N;,—l) U(I\fp—z) [}1 Uo

(]‘1 L}O U(Z—‘]\[P-i—l) U(Z—Np)

o U-1 Ua=Np+D) =Ny |

ST
by

bn,—1

L bN, |
———
9

bnb]T. Now by using (8) and (16), we can write the input-output

(17)

N —
p@=D)

L (Np)

We are now able to rewrite the system as a series of output and input measurements Y*
and Uy_; at each sample k= N with an undefined number of coefficients 6; equal to N.
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Figure 6. Comparison between some of the estimated and the reduced frequency response functions.

We are ready to solve these equations by applying the weighted least-squares approach
to (17) for estimating coefficients 6y s, where the weighted matrix will be the series of
coherence values yyzu which measures how the response is correlated to the excitation,

|Syu(mf)|?
Suu(mf)Syy (mf)’

Estimated measurement : f’,’q‘q (z) = Tk(z)ék(z),

Coherence : )/yzu(mf ) =

Estimated measurementerror : i’,’; (z) = an (z2) — f’,]jq (2), (18)

In order to have a good model estimator, the estimated measurement error in (18) should
be very small as an indication that the proposed estimated signals equal the true value. So,
the cost function will be in the quadratic form as follows,

Jwis = [VE]T (v2)F ¥E.
Taking now the gradient, (9Jwrs)/ (8éWL5) = 0 we get the following,
A T (2 \k Lo 2k
bwis = [T 28 T 1T (20 T (19)

Remark 1: Note that the poles in the z-domain for all transfer functions are estimated by
solving (19). Theoretically, all 24 transfer functions must have the exact same set of poles
since they are all associated with the same dynamical system. But, each transfer function
was estimated independently, the poles may not be exactly at the same locations as shown
in Figure 7. For that reason, we will use a model reduction technique to eliminate the weak
states which will have small effect on the overall response.

The derived reduced model is based on the Hankel singular values for the estimated
model by using the Lyapunov balancing model [37]. The Hankel singular values o; can be
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0.67/T

0.67/T

0.57/T

0.5;0/T

0 0.5 1
Real

Figure 7. The locations of the poles of all the transfer functions in the Z-domain. It is shown that the
poles for different transfer function are clustered at the same locations.

computed as,

o; =/ 1i(PO),

'P(Ad,léd) = [ﬁd Adﬁd AZ_IBd] , O(Ad, éd) = ) ,

where 1;(-) is the eigenvalues of the product of controllability and observability Grami-
ans P, and O respectively. The relative strength for each state in the estimated model is
shown in Figure 8. Based on the strongest 14 states, the reduced model is calculated and
evaluated as shown in Figure 6, which demonstrates the accuracy of the reduced model in

comparison with the estimated model.

4. Optimisation-based control

In this section, the duality between the Kalman filter and the linear quadratic regulator
(LQR) is used as a tool for improving the ride comfort and the road holding stability of a

full vehicle model.
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Figure 8. The Hankel singular values for each state. The model reduction has been calculated based on
the ‘strongest’ 14 states while at the same time eliminating the ‘weak’ states which are under the cutoff
threshold line.

4.1. Observer design

The goal of the observer is to estimate the plant states and dynamics with an acceptable
level of accuracy at different driving and operating conditions. In order to achieve that, we
will formulate an optimal output tracking problem.

Using (20) and (21), the observer dynamics are given by,

K1 = AaXy + Be, Qi + deFk, (20)
9% = CaXy + Do, Qi + Dy, Fr. (21)

Remark 2: Note that the observer dynamics is the estimated model in Section 3, Where Ag,
B, " Efd, Cd, D, " Dfd are the estimated discrete state matrices from the reduced model (see
Figure 3). According to the well known separation principle the observer and the controller
can be designed separately, i.e. the controller gain can be computed independently of the
observer gain.

We assume that Q is the disturbance input for the actual plant and it is not available for
measurement. We can then rewrite (20) and (21) as,

Rir1 = AaXi + deFk + L(ym, — Vi) (22)
9 = CaXi + Dy, Fy, (23)

where L is a correction term added to the observer states to achieve y,,, — Jk.
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It is desired to obtain the optimal value L which minimises the following cost function
over infinite horizon,
1 oo
o= [Gm; = 9% Mym, — 1) + L'RL], (24)

2 k=0

where R > 0, M > 0 are symmetric matrices. (24) can be solved in terms of the constraints
(22) and (23) using optimal control theory [15,38].
The Hamiltonian for the system is,

n~ n R 1 R n
Hy = A" [AaXk + By, Fi + L, — 90] + 5L = PO M@, — 71) + LTRL).

The optimal control can be found by using the stationarity condition a{% = 0 as follows,

L* = —(R+Bf PB) ™"
/\T ~ A
B} (PAGX) + g).
Now, we need to solve the following coupled equations,
AlPA;—p—ATPB,(R7! + B};Pde)‘IB};PAd +CIMC,y =0, (25)

g=Ay(I+PB,R'B})"'g — CjMyn,.

4.2. Control design

After estimating the plant states using the observer model, the controller can be computed
by using LQR. In order to improve the ride comfort and the road holding stability, the
aim of this controller is to minimise the sprung mass bounce, pitch and roll accelerations
and the dynamic tire loads without violating the maximum limits of the rattle space by
including the states in the weighted matrix M. In other words, the goal is to find a controller
F = [Fy, F,, F3, F4]T that minimises the cost function ,

o0

1 ST x g s T
Je= > %[Xk MXj + FFRE], (26)

which can be solved in terms of the constraints (22) using the differential Riccati
equation (25) to find G,

F. = —GXck,

where,

A

—1 , AT pn \"1aT pi
G = (R™ + B PB,) By PAy,

ATpAa AT ph -1 ST pp \~1AT pi
AgPAg—P— A;PBy (R™' + By PBy,) B PAj+M = 0.
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Figure 9. Optimal control diagram based on the augmented system of the actual vehicle model, the
observer and the LQR state-feedback controller.

Based on the output-feedback controller design described in Figure 9, the augmented
system has the following form,

zk
k
[)fkﬂ] _ [ Aa . TBpGk A } [{(k] n [Bed] Zy,
Xk+1 LyCa  Ag— LkCy — By, Gk — Li(Dy, — D)) G| [ Xk 0]z
—_——
Agug Baug Z}lf‘l
(27)
zr
Zk
L I e e 1 P P R R e (28)
Pk 0 Cg— Df,Gr| | Xk 0 Z’rC 01
—_—— 3
Caug Daug Zk

5. Simulation results

In order to show the effectiveness and the robustness of the proposed framework, a numer-
ical simulation has been used for validation. Where, we will firstly introduce two types of
road excitation. Then, evaluating the observer performance for estimating the actual vehi-
cle states with different CG uncertainties. Finally, demonstrating the LQG framework for
controlling the active suspension system to improve the ride comfort and the road holding
stability.

The vehicle parameters that were considered for the simulation are shown in Table 1.
This vehicle is a passenger car adopted from [4] with maximum rattle space 8 cm. The
Performance Index (PI) is assessed in terms of the following aspects:
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Table 1. Vehicle parameters.

Sprung mass (ms) 2160 kg
Front unsprung mass (m ) 85 kg
Rear unsprung mass (ms 4) 60 kg
Front spring stiffness (Kr) 96,861 N/m
Rear spring stiffness (K) 52,310N/m
Tire spring stiffness (K;) 200,000 N/m
Front damping coefficient (C¢) 2460 Ns/m
Rear damping coefficient (C;) 2281 Ns/m
CG location from front axle (a) 1.524 (m)
CG location from rear axle (b) 1.156 (m)
Wheel track (2w) 1.450 (m)
Pitch mass moment of inertia (/,) 4140 (kg m?)
Roll mass moment of inertia (/y) 946 (kg m?2)
Rattle space limit(Zmnax) 8 (cm)

e The peak and RMS values of the sprung mass accelerations;

k 2
RMS(:z'm,es,qss) = |12 ('Z'f‘w@sk"ﬁsk) ~

e The RMS values of the relative tire loads;

k 2
1
RMS(nl,nz,ns,m) = EZ (n’f, 2.k s, ni‘) .

e The peak values of the relative suspension deflection; (1¢1, (2, 3, p4).

5.1. Road excitation

Two road profiles are considered for analysing the performance of the proposed scheme:

(1) A bumpy road profile.
(2) A road profile of class C of ISO-8608.

The two road profiles are applied to the actual system (4) and (8) with different vehicle

speeds.

5.1.1. Bumpyroad

This road profile consists of two successive sinusoidal road excitation signals as illustrated
in (29) and in Figure 10(a). This formulation of road profile will introduce bounce, pitch

and roll motion simultaneously and is given by,

B %(l—coswt) if 0<t< %
2 0 otherwise,

Zr3,4 -

B %(l—cosa)(t—t)) ift <t< (t—i—%)
0 otherwise,

(29)
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Figure 10. Two road profiles used for evaluating the proposed framework. (a) a bumpy road profile with
vehicle speed 20 m/s, (b) ISO-8606 class C road profile with vehicle speed 10 m/s.
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Figure 11. Open loop validation. It is shown that the response of the estimated model matches the

response of the actual vehicle model. (a) The open loop diagram, (b) Comparison between actual and
estimated model.

where, the bump height is # =0.1 m with wave length A = 20 m and the vehicle speed V' =
20 m/s are used for the analysis, 7 is the time lag between front and rear wheels, i.e. 7 =

(a + b)/V, with w is the road profile frequency, i.e. = (27 V)) /1. This road profile has an
amplitude of 10 cm, which is 25% higher than the rattle space limit.

5.1.2. ISO Class C road profile

According to ISO-8608, all roads are classified from class A to class H [39] based on the
power spectral density (PSD) of the road profile. Class A road has a minor degree of
roughness and class H are included all roads with a high degree of roughness.

The PSD of the road profile can be calculated as [40],

n -2
Ga(n) = Gg(no). <n—o> , (30)

where, G;(np) is the road roughness coeflicient, » is the spatial frequency, n is the reference
spatial frequency. In this simulation, we selected class C road which can be classified as an
average degree of road roughness as shown in Figure 10(b). Two different road profiles are
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Figure 13. The robustness of the observer for estimating the actual states with 0%, 5%, 10%, 15% and
20% CG uncertainties. (a) CG position uncertainties, (b) Block digram for evaluating the model uncer-
tainties, (c) Estimated error for different CG position uncertainties, (d) Probability distribution for the
estimated error.
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Figure 14. Comparison between active and passive system using a bumpy road profile. (a) sprung mass
accelerations, (b) relative suspension deflection, (c) relative tire loads. It is shown that the sprung mass
accelerations and the relative tire loads for the active suspension have been reduced within the limits of
the available rattle space.
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Figure 15. Comparison between active and passive system using 1SO class C road profile. (a) sprung
mass accelerations, (b) relative suspension deflection, (c) relative tire loads. It is shown that the sprung
mass accelerations and the relative tire loads for the active suspension have been reduced within the
limits of the available rattle space.
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applied on front left tire and front right tire with a time lag v between front and rear wheels,
ie. T = (a+ b)/V, with vehicle speed V =10 m/s.

5.2. Dynamic behaviour

In order to demonstrate the performance of the estimated model we applied the bumpy
road profile as excitation signals to the actual and estimated models after setting the active
suspension actuators to zero as shown in Figure 11(a).

The response of the actual and the estimated signals are demonstrated in Figure 11(b),
where it reveals a successful matching between the estimated model and the actual model.
The estimated model from Section 3 succeeded to capture the actual vehicle dynamics in
estimating the sprung mass accelerations, which will allow using this estimated model in
controlling the active suspension system of the actual vehicle to improve the ride comfort
and road holding stability.

The observer behaviour using the Kalman filter is evaluated first by setting the actual
model at different initial conditions with respect to the estimated model. It can be seen
from Figure 12 that the observer succeeded to track the actual model after 0.3 second.

In order to evaluate the accuracy of the observer for robustly estimating the actual
vehicle states with CG uncertainties, we calculated the estimated error, y; — ¥, for dif-
ferent positions of IMU as shown in Figure 13. We evaluated the observer behaviour
with 7, = 0%, 5%, 10%, 15% and 20% with respect to the CG position. The results of the
estimated error and its probability distribution illustrate that the observer can estimate the
actual behaviour of the vehicle model with 95% accuracy with up to 20% CG uncertainty.

In terms of evaluating the improvement of ride comfort and road holding stability of
the active system over the passive system, we firstly applied the bumpy road profile to the
proposed augmented system in (27) and (28). It can be seen from Figure 14 that the Kalman
filter and LQR succeed to minimise the sprung mass accelerations and the relative tire loads
within the limits of the suspension rattle space.

Figure 15 shows the results of sprung mass accelerations, relative suspension deflec-
tion and relative tire loads using ISO class C road profile. The proposed controller scheme
gives a better ride comfort than the passive system and keeps the relative tire loads and the

Table 2. Summary of simulation results for the two road profiles.

Bumpy road ISO road
Performance index Measure Passive Active Passive Active
Ride comfort Peak Zm 3.855 0.662 1.397 0.624
RMS Z, 1.638 0.302 0.454 0.193
Peak 6 2.163 0.215 1.242 0.563
RMS 6 0.971 0.107 0.443 0.164
Peak ¢ 0.969 0.089 1.797 0.740
RMS ¢ 0.420 0.043 0.595 0.225
Road holding RMS 1 0.202 0.067 0.122 0.115
RMS 1, 0.146 0.021 0.121 0.128
RMS n3 0.217 0.029 0.071 0.092
RMS 14 0.249 0.042 0.072 0.095
Rattle space Peak 141 0.322 0.802 0.198 0.252
Peak 12 0.230 0.747 0.192 0.379
Peak 143 0.690 0.854 0.202 0.310

Peak 114 0.772 0.865 0.226 0.372
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Figure 16. Improvement of ride comfort and road holding stability based on active suspension. It is
shown that the sprung mass accelerations and the relative tire loads have been reduced at different
vehicle speed with respect to passive system.

relative suspension deflections within the hard limits to ensure road holding stability and
safety. the simulation results for the two road profiles are summarised in Table 2.

The robustness of the proposed approach was examined through a parametric study.
The reduction of the RMS values of the sprung mass accelerations and the dynamic tire
loads are evaluated with different vehicle speeds from 15 up to 50 m/s using the bumpy
road profile. The results are illustrated in Figure 16, where the average reduction of RMS
values for the sprung mass accelerations and the relative tire loads were not significantly
impacted by the vehicle speed which ascertain the applicability of the proposed approach
in estimating the vehicle dynamics with simultaneously improving the ride comfort and
road holding stability.

6. Conclusion

The vehicle dynamics estimation and optimal control techniques are introduced for a full
vehicle active suspension system using a noisy IMU with CG position uncertainties. We
have estimated the dynamics and the states by using system identification techniques on
separate channels. Such identification techniques used excitation signals that let us to esti-
mate the system transfer functions. The response of the estimated model shows satisfactory
performance in the presence of measurement uncertainties with a 95% accuracy. Then,
an output-feedback controller was designed to improve ride comfort and road holding
stability. Finally, simulation results are presented to demonstrate the efficiency and quanti-
fied performance of the proposed scheme. Future work will focus on applying plug-n-play
learning techniques that do not require any offline computations to the actual nonlinear
model.
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Appendix. State-space representation of vehicle model

The matrices A, Be, Bf, C, D,, Df, Q, F are defined according to the sate-space representation of
vehicle model in Section 2 as follows,

A= [A] Ay - Ap A15] .
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Where,

000000001 —aw —1000], A, =[000000001 —a —w0 —100],
000000001bw00 —10], As=[000000001b —w000 —1],
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