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ABSTRACT
This paper aims to determine the effect of contact geometry on temperature distribution and 
thermal buckling in an in-wheel brake system. Numerical analysis is conducted to investigate 
the variation of temperature field distribution on the brake disc a different cover angles of the 
pad while maintaining the same moment of friction. Also, different positions of the pads on the 
disc are considered. To verify the simulation results, an analytical solution is derived. The results 
show that, for the same work done by the pads on the disc, the resulting temperature field 
distributions have various effects on the disc. Moreover, certain contact geometry was found to 
cause the braking temperature to exceed the critical temperature, leading to thermal buckling 
of the disc during braking.
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1. Introduction

The demands and research on in-wheel motor-driven 
vehicles for both hybrid and fully electric vehicles have 
increased steadily over the past years due to the 
numerous advantages provided by this technology 
(Hwang et al., 2008). The technology is very useful in 
the application of military vehicles with wheels speed 
and steering control being independent of each other 
since each wheel is driven by a separate electric motor. 
This has the potential of creating an all-wheel-drive 
system for the vehicle. More importantly, it makes it 
easier to develop a simple intelligent brake system with 
an appropriate control strategy for the anti-lock brake 
system (Choi and Lee 2004). Besides, because the 
hydraulic brake components are mounted within the 
wheels, the brake system is referred to as an in-wheel 
brake system. Figure 1 shows the schematic of 
a 10 × 10 hybrid vehicle with an in-wheel motor- 
driven system. The power is either provided by the 
internal combustion engine or the energy stored in the 
battery. Further, each wheel has an electric motor 
attached to provide rotational motion utilising a set 
of planetary gears. Two main types of braking take 
place within each of the wheels. These are electrical 
braking (regenerative braking) and hydraulic braking. 
The hydraulic brake serves as a backup whenever there 
are electrical glitches and also during steep decelera-
tion at full vehicle load.

This paper focuses on the hydraulic braking com-
ponents mounted within the wheel. A major challenge 
with this technology is the design of the disc brake 
components, which are usually mounted within the 
wheels. The available space within each wheel for the 

design of an appropriate disc brake system is limited, 
even in the case of heavy vehicles. Moreover, the 
enclosed nature of the brake system contributes to 
poor heat dissipation, which may lead to the early 
onset of thermal buckling and thermoelastic instability 
during braking. The in-wheel brake system comprises 
a steel rotor disc that can move axially, a fixed brake 
pad, an actuation system, and at least one axially 
moving brake pad provided on each side of the rotor 
disc as shown in (Figure 2). Moreover, when the fixed 
and the axial moving pad clamp against the disc, 
frictional heat is produced. The resulting heat genera-
tion maybe somewhat high due to poor natural con-
vection, which leads to several negative effects such as 
thermal buckling, thermal cracks, thermal hot spot, 
brake fade, and also damage to the attached electric 
motors (Hwang, Wu, and Jeon 2008; Choi and Lee 
2004; Grzes et al. 2016; Ghadimi, Sajedi, and Kowsary 
2013). The aforementioned effects are a result of non- 
uniform temperature distribution on the brake disc 
during sliding interaction between the pad and disc 
(Karan Dhir 2018; Belhocine and Bouchetara 2012). 
This phenomenon has been found to promote thermal 
buckling, which in turn promotes thermoelastic 
instability (Chen et al. 2019; Yi, Shaahu, and Chen 
2018; Koranteng et al. 2020; Shaahu, Koranteng, and 
Yi 2020). The coupling between thermoelastic instabil-
ity and thermal bucking was investigated by Chen 
et al. (Chen et al. 2019). These authors found that 
unstable temperature modes induced by thermoelastic 
instability can influence the temperature profiles for 
thermal buckling. In addition, the same author devel-
oped a finite element model to detect thermal buckling 
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in sliding systems (Chen, Yi, and Zhao 2016). They 
discovered that there is a specific wavenumber with 
which the buckling temperature approaches 
a minimum value. In brake design, especially in the 
case of in-wheel brake systems, it is necessary to pre-
dict the temperature field distribution and the corre-
sponding buckling mode during the design stages to 
prevent uncertainty in brake performance (Vescovini 
and Dozio 2018).

In this paper, a disc brake system designed for 
a 10 × 10 multi-in-wheeled motor-driven vehicle is 
studied during braking at full vehicle load. The vehicle 
travels in a straight path without steering on a flat road 
using TRUCKSIM. The resulting dynamic force dis-
tributions on each wheel during the braking period are 
obtained. Besides, the ultimate objective of this work 
and a major difference between this and prior research 
work is that this work considers a special case of a disc 
brake system designed to be mounted within the 
wheels of a hybrid vehicle by investigating the influ-
ence of different cover angles of the pad and its posi-
tions on temperature field distributions. Further, the 
effect of the radial temperature field distribution on 
thermal buckling is studied using a linear perturbation 
approach.

At present, there are few works on the brake system of 
an in-wheeled vehicle that considers the vehicle dynamic 
forces during braking , the effect of contact geometry on 
temperature field distribution and thermal buckling. The 
current study uses a dynamic temperature-displacement 

and buckling analysis to investigate these phenomena 
and the results are discussed.

2. Thermal analysis of the disk rotor and pad 

contact

In order to begin the thermal analysis, the reference 
10 × 10 vehicle weight distributions on the individual 
wheels at full load (5000 kg) are studied using 
TRUCKSIM. The resulting dynamic vertical force 
Fz (L, R) mdistribution on the individual wheels during 
braking at t = 2.0s with a speed of 30 km/h is shown in 
(Figure 3). For analysis purposes, we considered one of 
the front wheels of the reference vehicle for this study. 
From the resulting forces in (Figure 3), we computed 
the ratio of the weight distribution on the front wheels 
to be approximately 0.59. Further, the required para-
meters needed to carry out the numerical studies were 
also computed. The influence of contact geometry and 
the resulting temperature field effect on thermal buck-
ling is investigated.

3. Analytical approach

We considered the reference vehicle to be moving in 
a straight path with an initial velocity of 30 km/h. The 
energy of the vehicle during deceleration from the initial 
velocity to a final destination can be expressed in Eq. (1). 

Eb ¼ 1
2

Mðv2
i � v2

f Þ þ Iðω2
i � ω2

f Þ
h i

(1) 

Further, if the vehicle comes to a complete stop, the 
final velocity and angular velocity becomes zero and 
Eq. (1) becomes: 

EB ¼ 1
2

Mðv2
i Þ þ Iðω2

i Þ
� �

(2) 

Moreover, when the vehicle is at a complete stop, the 
decelerating power of the brakes can be obtained by 

Figure 1. Schematics of an in-wheel motor-driven hybrid 
vehicle.

Figure 2. Structure of the in-wheel brake system.

Figure 3. Vertical load acting on each wheel of the vehicle.
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finding the derivative of the vehicle kinetic energy 
during the braking time as expressed in Eq. (3). 

Pd ¼ d
dt

ðMv2

2
Þ ¼ Mv dv

dt
¼ MR2ωðtÞαt (3) 

Where ω(t)=ω0+αtt
Also, αt represents the angular acceleration of the 

vehicle. We assumed that the brake decelerating power 
is equivalent to the total friction heat source during 
braking. 

Pd ¼ Pf 

Moreover, since each wheel of the reference 10 × 10 
vehicle has four brake pads mounted within, there will 
be a total of 40 brake pads. Therefore, the friction heat 
generated can be expressed by the integral below: 

Pf ¼ 40
ðð
ðff :vÞdAp ¼ ð�40Þff ðtÞ

ðð
rdAp (4) 

Equations 3 and 4 can be combined to obtain the total 
friction force ff generated by the vehicle during brak-
ing [13]: 

ff ¼ MR2αt

40rmAp
(5) 

From Eq. (5), the total heat generated by the vehicle is 
obtained by finding the dot product of the vehicle 
velocity and the friction force. 

qðr; tÞ ¼ γ:ff :vðtÞ ¼ γð mR2αt

40rmAp
:rðωo þ αttÞÞ (6) 

Also, by considering the following conditions:
Weight distribution on the front wheel = 0.59;
Only one front brake rotor is considered = 1/4;
Only one side of the rotor is considered = 0.5.
The heat flux on one side of a single rotor for 

a single front wheel can be computed as: 

qðr; tÞ ¼ _Qin ¼ γ:ff :vðtÞ
¼ ð0:59Þ 1

4
ð0:5ÞγðmR2αt

40reAp
rðωo þ αttÞÞ (7) 

In addition, the equilibrium equation for the heat 
generated can be expressed as: 

Cp:md:
dT
dt

¼ _QinðQbrake heatÞ
� _QoutðQconduction þ QconvectionÞ (8) 

Cpmd
dT
dt

¼ _Qin � KdAdðTs � TaÞ � hAsðTs � TaÞ
(9) 

Equation 7 can be substituted into Eq. 9 to obtain an 
expression for the change in temperature within the 
disc during braking as expressed in Eq. 10. From this 
expression, a Simulink model was developed to com-
pute the temperature change during braking. 

dT
dt

¼ �KdAdTs

Cpmd
� hAsTs

Cpmd
þ

ð0:59Þ 1
4 ð0:5ÞγðMR2αt

40reAp rðωo þ αttÞÞ þ KdAdTa þ hAsTa

Cpmd

(10) 

Here, the heat transfer coefficient (h) in Eq. 10 was 
estimated by first computing Reynold’s number using 
the expression in Eq. 11: 

Re ¼ ωr2

v
2:4 � 105 (11) 

Utilising equation 11, a laminar flow of Reynold's 
number (Re< 2.4 × 105) was obtained. The heat trans-
fer coefficient for the disc was then computed using 
Eq. 12. 

h ¼ 0:04
Ka

D

� �
Re0:8 (12) 

3.1. Numerical modelling

The finite element analysis was carried out by consid-
ering only the pad and brake disc due to the high cost 
of computing the complete structure (Wang and Fu 
2013). Moreover, since both the disc and pads are 
symmetric, only half of the sections were considered, 
and boundary conditions are defined as shown in 
(Figure 4). The disc and pad were modelled in 
ABAQUS using an 8-node thermally coupled brick, 
trilinear displacement, reduced integration, hourglass 
control element (C3D8T element) as shown in 
(Figure 5). The disc and the annular pads have an 
inner radius:rd = 112 mm and rp = 173.5 mm respec-
tively, and outer radius Rd = 232 mm and Rp 

= 237 mm, respectively. The friction ring section and 
the pad are 5 mm and 10 mm in thickness, respec-
tively. The radial distance of the friction ring section 
which is from the outer radius (Ro) of the disc hub to 
the outer radius of the disc Rd is dx = 90 mm. The 
simulation was conducted by performing a coupled 
temperature-displacement analysis with ABAQUS 
dynamic temp-disp explicit scheme to determine the 

Figure 4. Geometry of the brake disc and pad.
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influence of pad cover angle (θp) and its positions on 
the temperature field distribution on the disc by 
ensuring the same moment of friction irrespective of 
change in geometry or position. We defined a surface- 
to-surface interaction between the pad and disc con-
tact area and ignored the effect of radiation during 
sliding interaction due to the enclosed nature of the 
in-wheeled mounted brake-disc system. The convec-
tion boundary conditions were defined on all free 
surface areas of the pad and disc. The average convec-
tion heat coefficient for the convection boundary con-
ditions was computed to be h = 5 W/m2/°C. (Tables 1 
and 2) show the material properties and parameters 
used in the simulation process.

Assuming that all friction resulting from the brak-
ing process is dissipated as heat, the heat flux gener-
ated at the contact interface Z = 0 enters the pad and 
the disc, respectively, according to equations 13 &14. 

qpðr; θ; 0; tÞ ¼ γff pωðtÞr; rp � r � Rp; 0 � θ � θp; 0
� t � ts

(13) 

qdðr; θ; 0; tÞ ¼ ð1 � γÞff pωðtÞr; rp � r � Rp; 0 � θ
� 2π; 0 � t � ts

(14) 

Whereγ is the heat partition ratio (Talati and Jalalifar 
2009; Adamowicz and Grześ 2012; Yevtushenko and 
Grzes 2011)calculated as: 

γ ¼ Kp
ffiffiffiffiffiαd

p
Kp

ffiffiffiffiffiαd
p þ Kd

ffiffiffiffiffiαp
p (15) 

Here, K is the thermal conductivity, α is the thermal 
diffusivity and the subscripts p and d represent pad 
and disc, respectively. The governing equations for the 
three-dimensional temperature fields T (r, θ, z, t) of 
the pad and disc are presented as follows.

Governing equation for the disc: 

Kdð@
2T
@r2 þ 1

r
@T
@r

þ 1
r2
@2T
@θ2 þ @2T

@z2 Þ

¼ ρcp
@T
@t

þ VðtÞ
R

@T
@θ

� �
; (16) 

rd r Rd; 0 θ 2π;�δd z 0; t 0 ts 

, 

rd r ro; 0 θ 2π; 0 z þ δd; t 0 ts 

Governing equation for a single pad: 

Kpð@
2T
@r2 þ 1

r
@T
@r

þ 1
r2
@2T
@θ2 þ @2T

@z2 Þ ¼ ρcp
@T
@t

; (17) 

rp � r � Rp; 0 � θp; 0 z δp; 0 t ts 

In the analysis, boundary conditions were applied 
appropriately to depict the real working condition of 
the brake system of the vehicle. Initial boundary con-
ditions for the temperature distribution in the disc and 
pad were taken to be at ambient temperature. These 
were defined as follows: 

Tðr; θ; z; 0Þ ¼ Ta; rp � r � Rp; (18) 

Tðr; θ; z; 0Þ ¼ Ta; rd � r � Rd; 0 � θ � 2π;�δp � z
� 0

(19) 

Tðr; θ; z; 0Þ ¼ Ta; rd � r � ro; 0 � θ � 2π; 0 � z
� þδd

(20) 

In addition, at the contact surface were the pad and the 
disc interact, the initial boundary condition was 
expressed as: 

Figure 5. 3-D mesh of the brake disc and pads.

Table 1. Parameters & thermoelastic properties used in the 
simulation.

Dimension Disc (65Mn steel) Pad

Elastic modulus, Ep,d (GPa) 211 100
Poison’s ratio, υ 0.288 0.25
Thermal conductivity, K[W/(m2°C)] 48 0.5
Specific heat, cp,d [J/(k°C)] 450 1000
Mass density, ρp,d(Kg/m3) 7820 1400
Mass of the brake disc md,kg 2.0
Initial Velocity Vo, km/h 30
Angular velocity 0, rad/s 14
Vehicle mass, Kg 50,000

Table 2. Dimensions and application parameters of the vehicle 
braking.

Dimension Disc Pad
Inner radius rp,d, m 0.112 0.173

Initial outer radius, Rp,d, m 0.237 0.232
Hub Outer radius ro, m 0.147
Friction ring thickness, δp,d(m) 0.005 0.010
Thickness δd (hub portion) 0.025
Effective radius, rep,d 0.340 0.374
Wheel radius R, m 

Variable parameters 
Pad angle θp 

Pad position from the disc 
circumference (mm)

0.6 20,30,40,50,60,70,80,90,100 
0,1,2,3,4,5,6,7
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Kd
@T
@z

				
z¼0�

� Kp
@T
@z

				
z¼0þ

¼ qðr; θ; 0; tÞ; ðr; θÞ 2 As; 0

� t � ts

(21) 

Further, the temperature at the contact interface 
between the pad and disc during sliding can be 
expressed as: 

Tðr; θ; 0þ; tÞ ¼ Tðr; θ; 0�; tÞ; ðr; θÞ 2 Ad; 0 � t � ts

(22) 

More importantly, to account for heat convection 
during the braking period, convection boundary con-
ditions were defined at all free surface areas of the pad 
and disc. The convection boundary conditions for the 
disc were defined as follows: 

Kd
@T
@r

				
r¼rd

¼ h Tðrd; θ; z; tÞ � Ta½ �; 0 � θ

� 2π;�δd z 0; 0 z þ δd; 0 � t � ts

(23) 

Kd
@T
@r

				
r¼Rd

¼ h Ta � TðRd; θ; z; tÞ½ �; 0 � θ

� 2π;�δd z 0; 0 � t � ts (24) 

Kd
@T
@r

				
r¼ro

¼ h Ta � Tðro; θ; z; tÞ½ �; 0 � θ

� 2π; 0 z þ δd; 0 � t � ts (25) 

Kd
@T
@z

				
z¼þδd

¼ h Ta � Tðr; θ;þδd; tÞ½ �; rd r ro; 0

� θ � 2π; 0 � t � ts

(26) 

Kd
@T
@z

				
z¼0�

¼ h Ta � Tðr; θ; 0�; tÞ½ �; ro r rp; 0 � θ

� 2π; 0 � t � ts

(27) 

Kd
@T
@z

				
z¼0�

¼ h Ta � Tðr; θ; 0�; tÞ½ �; rp r Rp; 0 � θ

� 2π; 0 � t � ts

(28) 

4. Simulation results

4.1. Influence of pads cover angle on temperature 
distribution

The discs were labelled S1, S2, S3, S4, S5, S6, S7, S8, 
and S9 with corresponding pad cover angles θp of 20°, 
30°, 40°, 50°, 60°, 70°, 80°, 90°, and 100° respectively. 
These cover angles were selected for the analysis 
because the reference vehicle requires large braking 

torque at full load, especially when descending hills 
and slopes. In normal cars, the cover is approximately 
60°, however, in heavy-duty military vehicles and air-
craft, the cover angle maybe equal to 360°. 
Nonetheless, the limited space within the wheels and 
the quest for optimum weight require a careful selec-
tion of the cover angle of the pad. The numerical 
simulation was carried out using ABAQUS for single 
braking at time ts = 4.2 s for the vehicle decelerating 
with an initial velocity of 30 km/h to standstill.

(Figure 6) illustrates the pad cover angle θp which 
was varied in this work. It is quite clear that increasing 
the pad cover angles θpfor each simulation will result 
in an increased contact area of the pad which in turn 
increases the force applied on the rotor. This leads to 
differences in the moment of friction or work done if 
the process is to be repeated for different pad cover 
angles. Therefore, it is inaccurate to make 
a comparison or draw conclusions from the simula-
tion results. Hence, we computed the corresponding 
applied pressure required for each angle θpof the pad 
to produce the same moment of friction or work done 
on the disc during the braking period. A similar tech-
nique involving a single pad was used by Grześ (Grześ 
2014) but did not take into consideration the effect of 
the resulting temperature field on thermal buckling. 
(Figure 7) shows the temperature field distribution on 
the disc for four selected cover angles of the pads. The 
temperature field distributions on the discs are non- 
uniform as expected but appeared to have a similar 
distribution pattern. The red zone of the temperature 
distribution appeared close to the circumferential 
region of each disc. This could be attributed to velocity 
being maximum at the circumferential region and 
decreasing along the radial direction. In addition, the 
similarities in the temperature fields on the disc could 
be attributed to the same friction force generated dur-
ing sliding contact between the pad and disc. 
Nevertheless, there were discrepancies in the resulting 
maximum temperature for each disc. The disc labelled 
S1 exhibited the highest maximum temperature Tmax 

= 355.40°C whereas the disc S9 showed the lowest 
maximum temperature Tmax = 355.40°C. In summary, 
the increasing maximum temperatures of the discs 
were in the order of decreasing pad cover angles. 

Figure 6. Diagram showing the cover angle of the pad.
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Thus, for the same work done, braking with a smaller 
pad cover angle will lead to a high-temperature dis-
tribution at a localised area on the disc. Conversely, 
a larger pad cover angle leads to a smaller maximum 
temperature, however, the unsprung mass of the refer-
ence vehicle increases.

We validated the simulation by comparing the 
numerical results with the developed mathematical 
model from Eq. 10 using MATLAB Simulink. It was 
found that the numerical and analytical solutions are 
not well correlated as there were several assumptions 
made like different heat transfer coefficients, bound-
ary conditions, etc. Besides, the FEA depicts more 
realistic modelling of the sliding components, mate-
rial properties and boundary conditions, and also 
takes into account nonlinearities [29]. Therefore, 
the expected qualitative and quantitative differences. 
For example, comparing the analytical and numer-
ical results for braking with the pad cover angle of 
30° as shown in (Figure 8), the evolution of tem-
perature for the analytical and the numerical simu-
lation begins at room temperature of 25°C and 
reached maximum values of 305°C and 353°C, 
respectively.

More importantly, there exists a great relationship 
between temperature distribution and the pad cover 
angle (Figure 9). The temperature profile pattern with 
time for each disc shows a similar trend, however, the 
order of increasing value of temperature with time 
differs from each disc, with the highest being the disc 
with the smallest pad cover angle.

Figure 7. Variation of temperature field on disc for different cover angles of the pads.

Figure 8. Variation of maximum temperature with time at 
different cover angles of the pads.

Figure 9. Temperature distribution through the disc rotor at 
30° pad cover angles.
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Furthermore, because the angular velocity of the 
rotating disc is always maximum at the earlier stages 
of the braking process, the temperature is seen to rise 
faster in all the discs at the early stages and then slows 
down at the latter stages of braking due to the convec-
tion heat transfer defined at the free surface area of the 
disc. The maximum temperature reach at the stop of 
the disc indicates that there is equilibrium between the 
heat flux generated during braking and convection 
heat loss. The resulting difference in the maximum 
temperature field distribution from S1 to S9 is attrib-
uted to the heat partition ratio. Despite the same heat 
partition ratio used for the analysis, the resulting fric-
tion heat distributions into the disc and pad were 
slightly different. This is because the heat partition 
coefficient depends strongly on the geometry of the 
pads (He and Ovaert 2008). The geometry has a strong 
relationship with the mutual overlap coefficient (η) 
during braking, which can be defined as the ratio of 
the contact area of the pad to the sliding track area. 
This is given by the equation: 

η ¼ θp

2π
(29) 

In practice, the mutual overlap coefficient changes and 
becomes less than one. Hence, Equation (15) which is 
mostly used to calculate the heat partition ratio in 
clutches and brakes when the mutual overlap coeffi-
cient is equal to 1 needs to be replaced with Newcomb, 
1958 formula (Grze 2011). 

γ ¼ ηKp
ffiffiffiffiffiαd

p
ηKp

ffiffiffiffiffiαd
p þ Kd

ffiffiffiffiffiαp
p (30) 

From Newcomb’s formula, we can see that the cover 
angle has a great relationship with the mutual overlap 
coefficient. Therefore, when the mutual overlap coeffi-
cient changes, the heat partition ratio is affected slightly 
which may contribute to the difference in the tempera-
ture distribution values on the disc, irrespective of the 
same friction work done by the pads on the disc.

Further, we investigated the temperature distribu-
tion along the radial direction of the friction ring 
section of the disc at different cover angles of the 
pads as shown in (Figure 10). The radial temperature 
profile on the disc for each varied cover angle of the 
pad exhibited the same trend. The maximum tempera-
ture on the disc occurred at the same radial distance 
(dx = 71.0 mm). This is expected because the friction 
work is the same. Nonetheless, the peak temperature 
distribution values were found to be different. This 
behaviour forms an important part of this work 
because it can lead to thermal buckling of the disc as 
investigated in Section 4.3.

4.2. Influence of pads position on temperature 
distribution

The discs were labelled P1, P2, P3, P4, P5, P6, P7 and 
P8 with corresponding pads positioned at Rp = Rd, (rp 

= 172.13 < r < Rp = 236) mm, (rp = 170.76 < r < Rp 

= 235) mm, (rp = 169.38 < r < Rp = 234) mm, (rp 

= 168 < r < Rp = 233) mm, (rp = 166.61 < r < Rp 

= 232) mm, (rp = 165.21 < r < Rp = 231) mm, (rp 

= 163.81 < r < Rp = 230) mm respectively. More 
precisely, the outer radius of the pads is positioned at 
0 mm,1 mm, 2 mm,3mm,4 mm,5 mm,6mm, and 
7 mm away from the circumference of the disc, respec-
tively. This was done to investigate the influence of 
pad positions on the temperature distribution in the 
brake disc. In the simulation, the inner and outer 
radius of the pads were altered such that they provided 
the exact aforementioned positions on the disc rotor 
while maintaining the same contact area. Interestingly, 
at different positions on the disc, the resulting braking 
torque will be different. Therefore, in order to main-
tain the friction work by each pad on the disc, we 
computed the braking time and torque required to 
generate the same friction force on each disc during 
braking. The resulting temperature field distribution 
on the discs from P1 to P8 is observed as shown in 
(Figure 11). The temperature field distributions on the 
disc were highly non-uniform as expected. The tem-
perature field distribution for P1, P2, P3, and P4 
showed a similar distribution pattern but with differ-
ent magnitudes during the braking period. The deep 
red zone appeared to have a more spread area com-
pared to the light red zone. This observation is 
because, at these positions, the temperature distribu-
tion is influenced by the sliding velocity compared to 
convection losses on the free surfaces of the disc.

Meanwhile, at P5, P6, and P7, the light red zone 
appeared to have the same radial distance as the deep 
red zone on the disc. This behaviour can be attributed 
to the radial reduction in sliding velocity at these 

Figure 10. Distribution of temperature along the radial of the 
disc for different cover angles of the pads.
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positions. Nonetheless, at P8, a highly concentrated red 
zone and an irregular temperature field distribution 
appeared on some regions of the disc. Generally, it 
was observed that the more spread and uniform the 
red zones, the lower the peak temperature exhibited.

In addition, the variation of maximum temperature 
in each disc at the various pad positions with time was 
observed as shown in (Figure 12). It was observed that 
the heat generation in the disc labelled P1, P2, P3, and 
P4 rises faster at the initial stage of the braking process 

Figure 11. Variation of temperature field on disc for different positions of the pads.
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to maximum values of 374.19°C, 370.19°C, 371.20°C, 

and 370.94°C, respectively, compared to P5, P6, 
and P7.

Besides, the disc labelled P6 exhibited the lowest max-
imum temperature with time compared to all the other 
discs during the simulation process, this makes it more 
appropriate for the reference vehicle in terms of tem-
perature distribution. Moreover, along the radial of the 
friction ring section of the discs, as shown in (Figure 13), 
the radial temperature field distribution for P1, P2, P3, 
and P4 exhibited similar temperature distribution profile 
while the disc labelled P5, P6, P7, and P8 also assumed 
the same profile pattern but different from the first four 
positions mentioned earlier. Nevertheless, a significant 
sharp rise in temperatures was observed at a radial dis-
tance ranging from dx = 65 mm to dx = 80 mm for P1, 
P2, P3 P4, and P8. The effect of this behaviour on thermal 
buckling during braking is investigated in Section 4.3.

4.3. Effects of resulting radial temperature 
distribution on thermal buckling

In this section, we determined the resulting critical 
thermal buckling temperatures resulting from the con-
tact geometry analysis in sections 4.1 and 4.2. A linear 
perturbation procedure was used based on the eigen-
value approach because, even if the disc has non- 
linearity in terms of geometry, material, and so on, 
a general eigenvalue buckling mode is sufficient to 
render useful information on the deformation mode. 
ABAQUS script was utilised to compute the thermal 
buckling mode of the rotor for the radial temperature 
distribution resulting from varying the pad cover 
angle and pad positions on the disc. The pre-loaded 
temperature fields (Figures 10 & 13) of the friction 
ring section of the rotor were expressed in polynomial 
functions of the sixth-order and applied in the linear 
perturbation analysis. The solution gives the deforma-
tion modes and the force multipliers λifor the tem-
perature loads fidefined. We utilised the force 
multipliers also referred to as the eigenvalues to com-
pute the corresponding buckling temperatures for 
each analysis. Thermal buckling occurs when the max-
imum braking temperature or the applied temperature 
load exceeds the computed critical buckling tempera-
ture and the rotor can be said to have undergone 
deformation or buckling. The first three deformation 
modes of the disc by varying the pad cover angle 
(θp = 20°) and the pad position at Rp = Rdare showed 
in (Figures 13 and 14). Mapping the deformation 
modes in (Figures 14 to 15) show that the deformation 
modes are similar for the two scenarios considered. 
This may be due to the close-range temperature dis-
tribution observed in both contact geometry analyses. 
Nonetheless, their resulting eigenvalues or force mul-
tipliers were different. The corresponding eigenvalues 
for mode 1, mode 2 and mode 3, by varying the cover 
pad angles (θp = 20°) were found to be 1.007, 1.073 
and 1.104, respectively, while the corresponding 
eigenvalues for the modes by varying the pad position 
at Rp = Rdwere 1.154, 1.227 and 1.270 for modes 1, 2 
and 3, respectively. The critical buckling temperatures 
fcrwere obtained by finding the product of the applied 
maximum temperature load and its corresponding 
eigenvalue or buckling load multiplier, that is, fcr = λif.

(Tables 3 and 4) show the critical thermal buckling 
temperatures for the first six modes when the angles 
and positions of the pads were varied, respectively. 
From (Table 3), it can be deduced that the influence 
of pad cover angles on the critical buckling tempera-
ture of the disc is less significantly compared to vary-
ing the pad positions as seen in (Table 4). This could 
be attributed to the small and more uniform tempera-
ture field distribution associated with varying the pad 
cover angles than varying the pad positions. As 

Figure 12. Variation of maximum temperature with time at 
different pad positions on the disc.

Figure 13. Distribution of temperature along the radial of the 
disc for different pad positions.
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a result, the critical buckling temperatures were found 
to be higher than the braking temperature for all 
varied angles ðθpÞ. Hence, no buckling occurred dur-
ing braking by varying the cover angles. Meanwhile, 
some of the critical buckling values exhibited were 
close to the onset of thermal buckling. For example, 
considering the disc with pad cover angle of 20°, the 
difference in the critical temperature (357.9°C) and 
braking temperature (355.4°) was quite close. This 
could result in buckling of the disc during multiple 
braking of the vehicle.

Conversely, when the pad positions were varied at 
these positions: rp = 172.1 < r < Rp = 236, rp = 170.8 < 
r < Rp = 235, rp = 168 < r < Rp = 233, rp = 166.6 < 
r < Rp = 232 and rp = 165.2 < r < Rp = 231, the 
corresponding braking temperatures on the various 
discs exceeded the critical buckling temperature. This 
is because the temperature difference between the 
inner and outer radius of the disc is significant or 
highly non-uniform. For example, considering the 
disc with pad positioned at rp = 172.13 mm 
<r < Rp = 236 mm, the first-order eigenvalue was 
0.817. The corresponding buckling temperature 
(302.7°C) was smaller than the maximum braking 

temperature (370.1°C), leading to deformation. It is 
important to note that the negative temperatures asso-
ciated with the sixth mode for the pad cover angles 
and certain positions of the pads indicate that the 
corresponding eigenvalues were negative and that 
deformation will occur when the applied temperature 
load direction is reversed.

Besides, from the results in (Table 4), it can be 
deduced that the pad positions on the disc have 
a significant effect on the thermal buckling of the 
rotor during braking of the reference vehicle even by 
considering the same moment of friction because of 
the highly non-linear temperature distribution 
exhibited.

5. Conclusion

The work presents a study on the contact geometry of 
an in-wheeled disc brake during single braking at full 
vehicle load with an initial velocity of 30 km/h on a flat 
road without steering. The effects of the cover angle of 
the pad and its position on the disc brake during the 
braking period are investigated. Further, the effect of 
the resulting radial temperature distribution on 

Figure 14. Deformation modes for thermal Buckling at θp = 20°a) First-Order buckling mode b) Second-Order buckling mode c) 
third-Order buckling mode.

Figure 15. Deformation modes for thermal Buckling at Rp = Rda) First Order buckling mode b)Second-Order buckling mode c) 
third Order buckling mode.

Table 3. Buckling temperatures on the disc for various pad cover angles.
Mode Buckling Temperature along the radial

20 30 40 50 60 70 80 90
1 357.9 356.2 374.9 389.9 410.8 467.1 437.6 457.5
2 381.3 379.4 399.3 415.2 437.4 496.8 465.8 486.6
3 392.3 390.4 411.1 427.8 451.0 514.3 480.7 503.3
4 434.7 432.6 455.3 473.4 498.7 566.1 531.1 554.6
5 508.6 506.2 532.9 554.2 583.9 662.8 621.9 649.5
6 −583.7 −581.2 −608.9 −631.2 −661.3 −738.0 −702.0 −725.8

10 K. KORANTENG ET AL.



Ta
bl

e 
4.

 B
uc

kl
in

g 
te

m
pe

ra
tu

re
s 

on
 t

he
 d

is
c 

fo
r 

va
rio

us
 p

ad
 p

os
iti

on
s 

on
 t

he
 d

is
c.

M
od

e
Bu

ck
lin

g 
Te

m
pe

ra
tu

re
 a

lo
ng

 t
he

 r
ad

ia
l

R p
 =

 R
d

r p
 =

 1
72

.1
3 

<
 r

<
 R

p
 =

 2
36

r p
 =

 1
70

.7
6 

<
 r

<
 R

p
 =

 2
35

r p
 =

 1
69

.4
 <

 r
<

 R
p

 =
 2

34
r p

 =
 1

68
 <

 r
<

 R
p

 =
 2

33
r p

 =
 1

66
.6

 <
 r

<
 R

p
 =

 2
32

r p
 =

 1
65

.2
 <

 r
<

 R
p

 =
 2

31
r p

 =
 1

63
.8

 <
 r

<
 R

p
 =

 2
30

1
43

1.
7

30
2.

7
33

4.
1

57
4.

8
34

1.
5

29
1.

5
25

4.
1

51
8.

0
2

45
9.

2
32

2.
6

35
6.

1
60

8.
5

36
3.

5
31

0.
5

27
0.

6
54

8.
9

3
47

4.
9

33
1.

0
36

5.
7

63
7.

3
37

4.
6

31
9.

3
27

7.
9

57
3.

7
4

52
3.

4
36

7.
5

40
5.

8
69

1.
2

41
4.

3
35

3.
6

30
7.

9
62

3.
9

5
61

2.
9

42
9.

3
47

4.
6

80
7.

1
48

4.
7

41
3.

3
35

9.
3

72
9.

0
6

−
68

7.
5

50
4.

9
−

55
2.

7
−

87
5.

9
−

55
6.

6
−

48
2.

5
42

2.
0

−
79

5.
7

AUSTRALIAN JOURNAL OF MECHANICAL ENGINEERING 11



thermal buckling for the investigated contact geome-
try of the disc during braking is a second consideration 
in the work. The following conclusions are drawn:

(1) For design purposes, even if the same friction 
work is maintained for different pad sizes or 
cover angle in a brake system such as the in- 
wheel mounted brake discussed in this work, 
the resulting temperature fields are significantly 
different. The maximum temperature on the 
disc is inversely proportional to the pad size 
or cover angle even for the same friction 
work. Therefore, an optimum choice of pad 
cover angle is important in design to prevent 
the early onset of thermal buckling and ther-
moelastic instability.

(2) The sensitivity of pad positions on disc brake 
to thermal buckling and thermomechanical 
instability is significant. This work revealed 
that even maintaining the same friction work 
for different pad locations on the disc during 
braking has a significant influence on the tem-
perature field distribution. Depending on the 
position of the pad, the peak temperatures 
and temperature field distribution can vary 
greatly. The temperature distribution for disc 
P1 where Rp = Rd and P8 where rp 

= (163.81 < r < Rp = 230) was found to be 
inappropriate for the in-wheeled brake system 
in terms of temperature field distribution. 
However, at these positions and also at rp 

= 169.4 < r < Rp = 234 and rp = 165.2 < 
r < Rp = 231, thermal buckling did not occur 
during braking. In general, the position of 
pads on the disc surface has a significant effect 
on the thermal buckling of the disc during 
braking.
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Nomenclature

ad Contact on the disc, ðm2Þ
As Contact surface area ðm2Þ
aj Deceleration of the vehicle, ðm=s2Þ
D Disc diameter, mð Þ
Fz Vertical force on the wheel, Nð Þ
Pd Decelerating power Wð Þ
q r; tð Þ Heat flux (W)
I Mass moment of inertia for all rotating parts 200kgm2ð Þ
p Contact pressure MPað Þ
Rw Wheel radius, mð Þ
Ta Ambient/Initial temperature, �Cð Þ
Tmax Maximum temperature, �Cð Þ
T Temperature
h Heat coefficient (W=m2=�C)
Z Axial position

(Continued)
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ad Contact on the disc, ðm2Þ
As Contact surface area ðm2Þ
aj Deceleration of the vehicle, ðm=s2Þ
D Disc diameter, mð Þ
Fz Vertical force on the wheel, Nð Þ
Pd Decelerating power Wð Þ
q r; tð Þ Heat flux (W)
I Mass moment of inertia for all rotating parts 200kgm2ð Þ
p Contact pressure MPað Þ
Rw Wheel radius, mð Þ
Ta Ambient/Initial temperature, �Cð Þ
Tmax Maximum temperature, �Cð Þ
T Temperature
h Heat coefficient (W=m2=�C)
Z Axial position
r radius, (m)
r; ; 0; tð Þ Cylindrical-coordinate system
v velocity (m/s)
t Time sð Þ
Qin Amount of heat generated
Qout Amount of heat dissipated
ρ Density kg=m3ð Þ

Angular velocity rad=sð Þ
αt Angular acceleration rad=s2ð Þ
ν Kinematic viscosity of air m2=sð Þ
α Thermal diffusivity m2=sð Þ
K Thermal conductivity (W=m2�CÞ
δd Thickness of the disc (mÞ
γ heat partition coefficient
Subscript
p; d, s Pad, disc, surface
R; L Right wheel, Left wheel
o; i; f Initial, Initial, final
a air
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